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Introduction
Electric energy storage is currently gaining interests from the governments of the USA, the EU, Japan and Australia, for numerous reasons including the deregulation of the electricity market, the growth of renewable energies [1] , and the need for network flexibility in terms of load leveling [2] . There are currently several more or less mature storage technologies, each one having its own scale of application. Currently, it exists three large scale applications, typically greater than 10 MWh: Pumped Hydroelectric Storage (PHS) consists in elevating water in an upper reservoir, what allows storing up to several GWh. Compressed Air Energy Storage (CAES) systems use a cavern to store pressurized air and offers a capacity of several hundreds of MWh. Flow batteries, in which the electrolyte contains dissolved electroactive species flowing through a power cell/reactor, can store several hundreds of MWh too, but provide a more limited output power.
Thermal energy storage already exists in a wide spectrum of applications. Sensible heat storage is used in pebble bed, packed bed or molten salts for thermal solar power plants [3] , in water heater storage [4] , in blast or glass furnace regenerators [5] , and it is the most used technology for heating and cooling of buildings [3] . Latent heat storage is used in buildings for passive storage systems such as phase change material walls, wallboards, and shutters [3] , in solar latent heat storage unit [6, 7] , or for the cooling of transient thermal load of electronic devices [8] .
However, as far as we know, thermal energy storage has not been developed for electric storage yet, and this paper presents a new thermal energy storage process for large scale electric applications, that does not suffer from geographical constrains such as the need for a large altitude difference between two large water reservoirs for Pumped Hydroelectric Storage, or large cavern for Compressed Air Energy Storage [9, 10] .
Storage principle
The system consists of a HP (High Pressure) tank and a LP (Low Pressure) tank, four turbomachines (one compressor/turbine pair used during the loading period, and another one during the delivery period), and two heat exchangers ( Figure 1 ). The tanks are regenerators, made of refractory material which will alternatively store or deliver heat. The turbomachines allow the circulation of a gas (Argon) in the tanks, following a closed thermodynamic Brayton cycle. In Figure 1 , the gas flows clock-wise during the loading period and counter clock-wise during the delivery period. For clarity, only one of the two pairs of turbomachines is shown.
Loading period
Let us assume that the initial temperature of the HP tank is T 0 = T 0nom, which is equal to the outside temperature (≈ 25 °C), while the initial temperature of the LP tank is T 2 = T 2nom ≈ 500 °C ( Figure 2 ). The turbomachines force the gas to follow the route 0,3,2,1, which corresponds to a heat pump cycle, taking heat from the LP tank to bring it to the HP tank. The temperature at the compressor outlet (cycle point 1) is T 1 ≈ 1000°C, and the temperature at the turbine outlet (cycle point 3) is T 3 ≈ −70°C. The HP tank refractory material initially at T 0 is slowly heated by the hot gas entering at T 1 , while the LP tank material initially at T 2 is slowly cooled by the cold gas entering at T 3 . This generates two transient thermal fronts, progressing upward in the LP tank and downward in the HP tank.
When the thermal fronts will approach the ends of the tanks, the HP tank temperature T 0 will suddenly increase while the LP tank temperature T 2 will decrease. Hot and cold heat exchangers are necessary to keep the inlet turbomachine temperatures at their nominal values. The loading is stopped when the temperature differences between one tank's outlet and its prescribed nominal temperature exceeds a given relative threshold, named Tol.
Delivery period
During the delivery period (Figure 3 ), the gas follows the route 1,2,3,4,0 which corresponds to a heat engine cycle. Let T 4 ≈ 60 °C be the compressor outlet temperature, while T 0 ≈ 25 °C is the cold exchanger outlet temperature, and T 2 ≈ 500°C is the temperature after expansion at the turbine outlet. Similarly to the loading period, the LP tank refractory material at T 3 is slowly heated by warm gas at T 2 , while the LP tank material at T 1 is slowly cooled by gas at ambient temperature T 0 , again generating two transient thermal fronts.
Turbomachine irreversibilities being taken into account, a part of the incoming and outgoing work is transformed into additional heat. This results in an irreversible heat production, which must be evacuated from the system, and this is done through the cold exchanger, shown at the bottom of Figure 3 .
Similarly to the loading period, the delivery period is stopped when the relative temperature differences between one tank outlet and its prescribed nominal temperature exceeds the threshold Tol.
Capacity and efficiency
Let us use the subscripts 1 for loading, and 2 for delivery. The capacity is defined as the delivered energy E network2 (Figure 4) , and the efficiency is defined as the ratio of E network2 to E network1 . Figure 4 shows energy flows exchanged with outside, during loading and delivery periods. The transformation between electric energy and mechanical energy is considered having 100% efficiency, as well as the transformation between electric energy and thermal energy inside the hot exchanger. The arrows width is representative of the flows magnitude.
Actually, the system needs a certain number of transient loading and delivery cycles before reaching a steady periodic state. This is because the two thermal fronts tend to slowly enlarge, and the steady periodic state is only reached when this enlargement is exactly compensated by the temperature correction performed by the cold and the hot heat exchangers when the fronts arrive at the ends of the tanks. During the first cycles, capacity and efficiency may show significant variations.
Thermodynamic analysis
This section aims at discussing the theoretical global storage efficiency as a function of the turbomachines polytropic efficiency η, the pressure ratio PR, the c p to c v ratio γ, and the initial temperatures T 0nom and T 2nom , neglecting head losses in the flow, and assuming the system is adiabatic. Since the thermal insulation losses are related to the heat transfer area to volume ratio, the larger the regenerators, the more accurate the adiabatic assumption is.
Polytropic process
The gas is considered as ideal. To take account of the turbomachine irreversibilities, polytropic process is convenient since the polytropic efficiency doesn't depend on the compression ratio [11] .
Using the thermal compression ratio notation [12] :
where PR is the pressure ratio, and using the polytropic efficiency η, one can write, for a compression:
and for an expansion:
If η = 1, equations (2) and (3) reduce to the usual equation for the adiabatic and isentropic compression of an ideal gas. Because η is lower than 1 for an irreversible process, the outlet machine temperature is always greater in the irreversible case than in the isentropic (i.e. reversible) case.
To simplify notations, turbomachines will be considered having the same polytropic efficiency.
Loading
In order to illustrate the effect of turbomachine irreversibilities, the Figure 5 represents the Brayton thermodynamic cycle of the loading period with 90% polytropic efficiency, superposed with the ideal isentropic (i.e. reversible) Brayton cycle, which have 100% polytropic efficiency. Because irreversibilities in turbomachines increase their outlet temperature, T 1 is greater than T 1is , resulting in a greater ∆T comp , meaning that a greater work is needed to achieve the same compression. Similarly, T 3 is greater than T 3is , resulting in a lower ∆T turb , meaning the same expansion delivers a lower work.
With the previous notation, ∆T comp and ∆T turb writes:
The specific energy stored during the loading then is:
Delivery
The temperature T 2 and T 0 during the delivery writes:
Because ψ is by definition greater than 1 and η is lower than 1, equations (7) and (8) implies that T 2 is greater than T 2nom and T 0 is greater T 0nom . To avoid the cycle temperatures to be higher each cycles, it is necessary to bring T 2 back to T 2nom and T 0 back to T 0nom , which should be done by the cold and the hot exchangers. However, given that it is not convenient to cool a gas at a high temperature, we would rather have T 2 equal to T 2nom , and do all the necessary cooling at the ambient temperature T 0nom.
According to equations (7) and (8), introducing a different thermal compression ratio during delivery period, noted deliv ψ , allows to have T 2 equal to T 2nom . This implies:
Thus:
Choosing a thermal compression ratio as defined in equation (9) allows the gap between T 2 and T 2nom to reduce to zero, while the gap between T 0 and T 0nom is increased. This allows all the irreversible heat to be evacuated at the ambient temperature T 0nom . ∆T comp and ∆T turb then writes:
( )
Finally, the delivered specific energy is:
Storage efficiency
It is now straightforward to deduce the global storage efficiency, which is the ratio of the delivered specific energy, given in equation (14) , to the loaded specific energy, given in equation (6) . Actually, this theoretical efficiency results of the assumption that the same mass of gas is passed through the turbomachines during the two periods.
T 1 is the highest temperature of the process and thus will be limited by technical performances of the different components of the cycle, particularly the hot turbomachines.
It is then convenient to write the theoretical efficiency ε th , as a function of T 1 instead of 
Since this theoretical efficiency does not take the thermal front natural enlargement into account, the real efficiency ε will be lower than ε th .
There are two approaches to reach a reasonable global storage efficiency of 70%, which is that reached by a pumped hydraulic storage system (PHS). T 1 may be low with a high η (for example, η ≈ 0.94 and T 1 ≈ 320°C), or T 1 may be high, with a low η (for example η ≈ 0.84 and T 1 ≈ 1050°C) ( Figure 7) . In other words, high temperatures can make up for low turbomachines polytropic efficiency.
Description of the model
The previous thermodynamic analysis does not describe transient phenomena, which play a critical role in the system behavior. Pressures should not stay constant during one cycle. Moreover, the thermal fronts tend to enlarge, due to convective heat exchanges and thermal diffusivity.
A one dimensional finite volume method has been employed for the discretization of the tanks.
Geometry
In Figure 8 , the dead volumes symbolize the pipes linking the tanks and the turbomachines. Heat exchangers and turbomachines are not considered as volumes, as they are linking equations between dead volumes.
A simple geometry has been assumed to model the convective heat exchange in the tanks. It consists of a regular square array of square sub-channels ( Figure 9 ).
In this geometry, the exchanged thermal power density is:
Hypothesis
The gas is assumed ideal, while compression and expansion are assumed to be adiabatic and irreversible. The system insulation is supposed ideal. We suppose that the only internal heat exchanges are the forced convection heat exchange between the gas and the solid, and thermal diffusion inside the solid walls. Gas and solid properties are assumed constant.
We also assume that the temperature of the solid is uniform in an elementary volume. This is equivalent to assume that the thermal resistance to the horizontal heat transfer is dominated by the surface resistance [13] .
The relative influence of the surface and solid resistance to heat transfer is measured by the Biot number:
where δ is the half-thickness of the walls. Considering the geometry shown in Figure 9 : which is a monotonous decreasing function of α. Our problem is characterized by α greater than 0.1, thus the Biot number will remain smaller than its value when α = 0.1, which is 0.065. This ensures that temperature inside the wall is almost constant at a given altitude.
Equations and boundary conditions
The equations in the tanks are: 
where equation (24) is the mass conservation while (25) and (26) ensure energy conservation inside the gas and the solid. Regular hydraulic head losses are taken into account through equation (27) and equation (28) is the ideal gas law.
Since there is no refractory material in the dead volumes, equations are the same, but without equation (26) and with equation (25) becoming:
The boundary conditions are given by two characteristic equations of the two turbomachines (usually used to model such machines [14] ), the two compression and expansion equations (2) and (3), and heat exchanger equations. So far, no convenient manufacturer data have been retrieved, so the characteristic equations are simulated with parabola for compressor, and exponentials and cubic spline interpolation for turbine, so that it reproduces the general aspect of typical turbomachine maps.
Turbomachine characteristics link the inlet and outlet pressures, and mass outputs: 
Numerical method
The model is based on a uniformly meshed one-dimensional finite volume approach (Figure 8 ), using an implicit centered scheme. Discretized equations are solved by the Newton-Raphson method. The model has been developed using MATLAB and compiled C code for computational intensive parts: computation of the Jacobian matrix, and sparse linear system resolution using KLU [15] . KLU is an effective matrix factorization algorithm for sparse matrices with very little fill-in, faster than default methods that use the Basic Linear Algebra Subprograms BLAS [16] .
Results and discussions
This section presents the results obtained for an installation having a large storage capacity and power. Table 1 shows the main parameters of this problem. Figure 10 shows the stored energy E network1 and the delivered energy E network2 of each of the successive cycles. The periodic steady state is reached after about ten cycles. The transient cycles last longer than the stabilized cycles, so these ten first cycles corresponds to 145 hours. Figure 11 shows the evolution of the temperatures T 1 , T 2 , T 3 and T 4 during two stabilized cycles. T 2 and T 4 are the inlet temperatures of the heat exchangers. During loading, T 1 and T 3 are constant because their incoming gas has been regulated by the heat exchangers. That is not the case for T 2 and T 4 , so when the thermal fronts approach the ends of the tanks, variations appear. During delivery, T 1 and T 3 are no longer regulated, and at the end of the delivery period, they show variations too, as do the inlet heat exchangers temperatures T 2 and T 4 .
The time evolution of the high and low pressures is globally increasing during the loading and decreasing for the delivery period. This can be explained by the mean temperature of the system, which is higher in the loaded than in the "unloaded" system. Moreover, since the head losses are very small due to the small gas velocity in the channels, pressure is quasi-uniform in one tank.
The time evolution of the mass flow rate is similar to the evolution of pressures. This is due to the turbomachines mass flow rate, which are proportional to their inlet pressure: Figure 12 presents the temperature profiles in the tanks, at the end of the loading and delivery period, in the steady periodic state. The computation of the temperature differences ( ) ( )
The system total energy difference between the end of the loading and the end of the delivery period is then: Figure 12 b) shows that the gap allowed by the relative threshold Tol has been exceeded at the bottom of the tank, triggering the end of the loading period. This temperature difference is representative of the thermal losses E cool1 (Figure 4) . In Figure 12 a), the allowed gap is also exceeded at the bottom of the tank, triggering the end of the delivery period. This temperature difference is representative of a part of the thermal losses E cool2 . At the top of the tanks, the temperatures stayed in the allowed gaps and didn't trigger anything.
According to equation (37), in order to improve the efficiency and get closer to the theoretical efficiency given in equation (15), ∆E tot must be increased whereas E cool1 and E cool2 are decreased or kept constant. This implies increasing ∆E HP and ∆E LP , thus increasing the thermal front gradient dT/dz, which finally means increasing the exchanged thermal power density in the channels. According to equation (19), this can be done in two ways: decreasing the channel longitudinal dimension L ch , or increasing the Nusselt number.
Since the tanks internal geometry, the flow state (turbulent or laminar), and the refractories physical properties all have to be optimized, the results presented here should be improved in the future. Particularly, turbulence generation in the channels could increase the Nusselt number, and the use of a packed bed regenerator could decrease the hydraulic diameter. Those two modifications will also increase the hydraulic head losses, but with a possibly negligible impact since they are currently very small. Moreover, the thermal conductivity of argon is currently assumed independent of temperature. Actually, it is about three times larger at 1000°C than at 20°C, what would also increase the exchanged thermal power density and improve the process performance significantly. Taking into account the temperature dependencies in the developed model is straightforward and new results will be available soon.
Conclusion
A new type of thermal energy storage process for large scale electric applications has been presented. The storage principle has been exposed, and the expression of the theoretical storage efficiency was given based on an analysis of the involved thermodynamic cycles. A numerical model has been developed, showing the feasibility of the process, even with suboptimal parameters, basic geometry, and laminar convective heat transfer. Moreover, the development of reciprocating compressors and turbines with higher polytropic efficiencies could lead to lower temperature and smaller scale applications still showing decent efficiencies. Finally, the increase of the heat exchange is identified as a key factor to approach the theoretical storage efficiency, through the increase of the Nusselt number and the heat transfer area. Solutions such as turbulence generation or the use of packed bed regenerators are to be investigated. The validation of the model requires a test loop including two sufficiently large regenerators. Such a test loop already exists at CEA Grenoble, and will be available in a close future.
Our results allow to compare our large scale process with the two mature other ones, namely PHS and CAES. PHS offers great electric capacity, power, and efficiency, with relatively low investment, considering an already built dam, having two sufficiently large upstream and downstream water reservoirs available. CAES also presents large scale electric capacity and power, but it is not really comparable, since natural gas is used to heat compressed air during the delivery period. This issue is resolved in the research project Advanced Adiabatic Compressed Air Energy Storage (AA-CAES) [17] , where the compression heat is stored in a TES unit, and released to preheat compressed air during the delivery period.
However, suitable PHS sites are not very frequent and generally already exploited, at least in occidental countries. Moreover, exploiting new sites often leads to environmental issues. About CAES, there also are requirements for site choice, such as the presence of a large cavity with convenient geological properties.
Our process suffers for practically no geographical or geological constraints and no safety or environmental issues, and seems to be able to reach similar efficiency, capacity and power performances. T 1nom
